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STUDY OF EXTERNAL HEAT TRANSFER MECHANISMS IN
SINGLE-ROW FIN AND TUBE HEAT EXCHANGERS

Abstract
by

Ricardo Romero-Méndez

This is the study of some phenomena which are important for the performance
of fin and tube heat exchangers, especially those related to external heat trans-
fer. Analytical, numerical and experimental techniques are used to improve our
understanding of plate fin and tube heat exchangers performance.

The problem of tube-to-tube conduction through the fins is first studied. A
mathematical model to quantify the effect of heat transfer between adjacent fins is
developed; this formulation is used to determine the conditions under which tube-
to-tube conduction through the fins may or may not be neglected.

A mathematical model helpful for the understanding of the vortex induced con-
vection is developed next. An analytical solution is made possible by a perturbation
technique in which the nondimensional strength of the vortex is the small parameter.
Three different configurations of vortex are analyzed and the role of the secondary
flow is found to be different for each one.

The three-dimensional hydrodynamics and heat transfer in the plate-fin and tube

geometry is also studied numerically. The effect of flow and geometrical parameters



Ricardo Romero-Méndez

on the hydrodynamics is determined. The stabilizing effect of the fin distance is
shown. The hydrodynamics in turn affects the convective heat transfer to the fins.
The overall heat transfer per unit length of the tube per unit pressure drop across
the heat exchanger, which is a relevant parameter for design purposes, shows a
maximum value between the extremes of high pressure drop for small fin spacing
and small heat transfer area for large fin distances.

Experimental visualization of the flow between fins is also performed. The exper-
iments are found in qualitative agreement with the steady state numerical solutions
if the wake is trapped inside the heat exchanger fins. Otherwise the behavior is

different since the wake becomes unsteady as the experimental results show.
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CHAPTER 1

INTRODUCTION TO FIN-TUBE HEAT
EXCHANGERS

Heat exchangers are devices that facilitate heat transfer between two or more fluids
at different temperatures. Many types of heat exchangers have been developed for
a wide range of industrial applications. One of the most widely used type of heat
exchangers is the fin-tube heat exchanger. This class of heat exchanger, various
types of which are shown in Figure 1.1, consists of a tube or row of tubes finned in
the exterior. A liquid is forced to flow inside the tubes while a gas flows outside the
tubes and between the fins that act as extended surfaces for heat transfer. Because
of the low convective heat transfer coefficients that are common for gases, the gas
side resistance is the most critical and an extended surface is recommended. Several
classes of fin-tube heat exchangers are encountered in industrial, commercial and
household applications. One of the most commonly used fin-tube heat exchangers
is the plate-fin and tube heat exchanger. It presents numerous advantages for
heat transmission between a liquid and a gas, among which could be mentioned
its compactness, adaptability to small spacings, large ratio heat transfer area to

volume, and ease of construction. For this heat exchanger, it is also possible to



have different designs and configurations for the tube circuitry.

The convective heat transfer in these devices is strongly affected by the hy-
drodynamics of the flow which depends on the geometry and flow velocities. For
geometries such as those used in plate-fin and tube heat exchangers, the number of
geometric parameters affecting the flow is large, the problem is extremely compli-
cated and no analytical solutions exist. For this reason a dominant component of
research in this subject is experimental. However, a theoretical base is needed in
order to interpret the experimental results, and to enable them to be used for the
design of equipment for practical applications.

In this chapter of this dissertation the previous research work and information
related to the heat transfer characteristics of plate-fin and tube heat exchangers are
reviewed. Due to space limitations and the scope of this dissertation, the literature
review will be focused only on studying heating coils where neither phase change
inside the tubes nor condensation on the exterior surfaces of the heat exchanger
occurs. The information will be divided into sections according to the study of the
different thermal resistances that limit the heat transfer in the heat exchanger. For
the improved design of heat exchangers it is required not only to know the overall
behavior of the heat exchanger but also the local behavior in order to identify the
regions where the heat transfer can be enhanced locally by varying some parameters
or by other means. We also classify the information available into two groups: area
averaged heat transfer information and local heat transfer description. At the end
of this chapter the study of some techniques for local heat transfer enhancement in

plate-fin and tube heat exchangers will also be reviewed.



Figure 1.1: Different types of fin and tube heat exchangers; (a) with circular fins,
(b) plate-fins with one row of tubes, (c) plate-fins with multiple rows of tubes in
in-line arrangement, and (d) plate-fins with multiple rows of tubes in staggered

arrangement.



1.1 Thermal resistances

There are three thermal resistances that determine the rate of heat transfer in a
fin-tube heat exchanger: resistance to heat flow through the convective film on the
in-tube side, R;, conductive resistance within the metal components of the heat
exchanger, R, and convective resistance in the external side of the heat exchanger,

R.. The total thermal resistance R, can be written as

R=R;+Rn + R, (1.1)
where
R = — (1.2)
- Py .
R = —— 1 (1.3)
e AOEO-FAfo ’

The conductive thermal resistance of the tube wall, R,,, is usually neglected. Also,

introducing the definition of heat exchanger external surface efficiency, 7., we get

1 1
R=—+

— — 1.4
A;h; T]e(th,o + Afhf) ( )

The thermal resistance R given by the previous equation can be expressed in terms
of an overall heat transfer coefficient based on either side area of the heat exchanger.
For example, the overall heat transfer coefficient based on the outer surface is defined

as

1 1 1
= — + — —
UeAe Ai hi ne(tho + Afhf)

(1.5)

Since the factors affecting the inner, outer and solid material thermal resistances

are different, we will consider them separately in our literature review.



1.2 Inner thermal resistance

Because our interest is limited to heat exchangers used for heating purposes. The

literature review is limited to coils used for transferring heat to single-phase fluids.
1.2.1 Laminar flow

The determination of the inner heat transfer coefficient of coils is a problem which
has received little attention in papers related to fin and tube heat exchangers. In
the usual analysis, simple straight-tube correlations are assumed for the water side
circuit, thus leading to inaccurate results in the determination of the inner heat
transfer coeflicient, especially at low Reynolds numbers. A recent paper of Mirth
et al. (1993) revealed that coils operating at low water-side Reynolds numbers do
not perform as predicted by manufacturer’s software. Based upon this observation,
they suggested that further research is needed to obtain a suitable prediction for
coils operating at low Reynolds numbers. This need is aggravated because in the
laminar flow region the inner thermal resistance is a more important part of the
overall heat transfer resistance than for turbulent flows.

Under different flow conditions, the Nusselt number is expected to be dependent
upon 2 number of factors, among which could be mentioned the Reynolds number,
the effect of bends, the ratio of finned length to tube diameter, and the presence of
buoyant forces due to the temperature difference between the bulk fluid and the tube
wall. For laminar flows, the difference in results obtained under different boundary
conditions is considerable. Neither of the two most used boundary conditions,

namely the constant wall heat rate and constant wall temperature, represents the



case of a heat exchanger exactly, but in the absence of more reliable results the
constant wall temperature condition has been preferred in order to calculate the
inner heat transfer coefficient.

For the laminar, fully-developed, straight-tube flow, the Nusselt number can be
easily obtained by analytical means for both the isothermal-wall and constant heat
flux conditions. Textbooks, (e.g. Incropera and DeWitt, 1990), report that the
solution for the constant wall temperature condition is Nu; = 3.66.

The problem of determining the heat transfer coefficient for the laminar flow
in the circular pipe in which the velocity profile is already established and the
temperature profile is developing was first studied for the constant wall temperature
boundary condition. The first analysis was done by Graetz (1883 and 1885), the
reason for which this problem is nowadays known as the Graetz problem. The
solution to this problem has been obtained by two methods: the Graetz method and
the Lévéque method (Shah and London, 1978). These analytical solutions for the
internal flow fail to reproduce the results obtained in the laboratory. The previous
theoretical results are valid only when effects like simultaneous hydrodynamic and
thermal entry lengths, buoyancy force and curvature of bends are negligible. All
of the previous factors have the effect of enhancing the heat transfer in the coil,
for these reason the Graetz-Lévéque type solutions represent the lowest value the
Nusselt number can take.

For large Prandtl numbers, the Nusselt number for the simultaneous develop-
ment of hydrodynamical and thermal entry lengths is not very different to that for

already developed flow field and developing temperature field. A good approxima-



tion of the ratio length to diameter of tube required for the development of the
laminar velocity profile is 0.05 times the Reynolds number. The thermal profile re-
quires as many times more as the Prandtl number to develop completely. Even for
moderate Prandtl numbers (greater than 5), the velocity profile develops so much
faster than the temperature profile that the use of the fully developed flow ideal-
ization is valid, even though the profiles are simultaneously developing. Of course,
the presence of a hydrodynamic starting length makes stronger the claim.

The effect of buoyancy force on forced laminar convective heat transfer in hor-
izontal tubes may not be neglected when the temperature difference between tube
wall and bulk fluid is considerable, and wherever the strength of the forced flow is
comparable to the buoyancy force. Some early experimental works obtained corre-
lations which included implicitly the natural convection effects. Some of the most
frequently used correlations of this type are Hausen’s equations (Incropera and De-
Witt, 1990).

Another effect to be taken into account is the effect of the tube bends. The
centrifugal forces in the tube bends create a secondary flow which exhibits similar
characteristics to those appearing with natural convective flows and thus contribute
to the enhancement of the heat transfer. The information available for this problem
is scarce, being more profuse for the related problem of helically coiled tubes. One
approach recommended in textbooks (Kays and Crawford, 1993) assumes that a
new thermal-entry length must develop after each 180° bend. It is claimed that
the fluid completely mixes in each bend and a new thermal-entry develops after the

bends.



1.2.2 Turbulent flows

For turbulent flows, the constant wall heat rate condition is used as a boundary
condition provided that only at very low Prandtl numbers there is a significant
difference under the imposition of different boundary condition (for Pr; = 0.7 the
difference is only a few percent). Correlations for straight tubes have shown to
be very reliable for the determination of inner heat transfer coefficient for some
specific coil geometries (Mirth et al., 1993). A large number of correlations has
been developed for the determination of the coefficient in straight tubes. These

correlations are presented in standard textbooks (e.g. Incropera and DeWitt, 1990).
1.3 Fins and their efficiency

The outer thermal resistance of a plain tube can be reduced greatly by putting
fins on the outer surface. This increases the surface area and, at the same time,
introduces a conductive resistance over that portion of the original surface at which
the fins are attached. The increase in heat transfer is not directly proportional
to the surface area since the entire fin is not at the same temperature. The fin
efficiency, 7y, is defined as the ratio of the actual heat transferred to that which
would be transferred if all the fin surface were at the base temperature.

The equations governing the heat flow through extended surfaces can be easily
derived. Exact solutions have been obtained for many types of fins. Gardner (1945),
presented a review of investigations on heat flow through extended surfaces with
solutions in terms of Bessel functions. The solutions presented included straight fins

of constant thickness, wedge-shaped straight fins, annular fins of constant thickness,



cylindrical and conical spines.

One extended surface frequently used in air conditioning and heating equipment
is the plate-fin. This is formed from a continuous sheet of metal in which holes
have been stamped to accommodate the tubes. Assuming approximately the same
temperature distribution on each tube, the equivalent fin is rectangular for single
row heat exchangers. Approximate analytical solutions for square fins on round
tubes were developed (Zabronski, 1955; Baehr, 1959). But for the more general
case of rectangular fins, efforts were directed to numerical solutions, geometric ap-
proximations, or experimental analogies. Carrier and Anderson (1944), suggested an
approximate sector method for calculating the efficiency of symmetrical rectangular
fins of constant thickness. This method was later used by Rich (1966) to obtain the
efficiency and thermal resistance of rectangular fins. The use of computers has made
the solution to this conduction problem trivial. The use of a numerical approach
that discretizes the derivatives and solves the algebraic equations gives accurate
solutions since the problem is linear and the only complication is geometrical.

In heat exchanger analysis it is usual to include the fins when calculating heat
convection to the over-tube fluid, but to neglect the tube-to-tube heat conduction
that they cause if the temperature difference between adjacent tubes is important.
Neglecting conduction between fins is equivalent to assuming rectangular fins with
adiabatic conditions at their tips. The assumption can be justified for small tem-
perature differences between adjacent tubes, but it is not clear just how much error
is incurred by this approximation. Several authors have recognized the possibility of

longitudinal fin conduction and its effects on heat exchanger performance. Kroeger



(1967), Mondt (1980), Chiou (1978; 1980), and Heun and Crawford (1994) reported
on the effects of longitudinal fin conduction for different types of heat exchangers.
None of them, however, studied the effect of tube-to-tube conduction for single-row

plate-fin and tube heat exchangers.
1.4 Outer thermal resistance

The scope of this dissertation will be limited to the study of heating coils where no
condensation or frost is formed on the heat transfer surfaces. For that reason the

literature review is limited to heat exchangers used for gas heating purposes.
1.4.1 Area averaged heat transfer coefficients

Despite the importance of single-row fin-and-tube heat exchangers, very little exper-
imental work of general use has been reported. The most extensive investigation in
this area has been that of Shepherd (1956), who tested a total of 38 different single-
row coils. The information was presented in the form of average air-side transfer
coefficients and transfer rates. These transfer coefficients were evaluated without
the fin efficiency being taken into account. In addition, there are some uncertain-
ties in his data as well as in the data reduction procedure. The method used to
determine the air-side heat transfer coefficients was to measure the overall thermal
resistance and then to extrapolate it for the limit of zero water-side resistance.

A paper by Rich (1973), analyzed the effect of fin spacing on the heat trans-
fer performance of plate fin-and-tube heat exchangers. In the experiment, the fin
spacing was varied from zero to 21 fins per inch. In a further paper (Rich, 1975),

the effect of number of tube rows was studied. The experiment was made for 6
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plate fin-and-tube heat exchangers in which the primary physical variable was the
number of tubes in the flow direction, which varied from one to six rows. The heat
transfer coefficient was presented using the Colburn j-factor. It is important to
mention that the test coils in the experiments were of all-copper construction, and
in the data reduction, a fixed average value of metal resistance was used.
McQuiston (1981), used data from Rich (1975) and from his own experiments
to obtain the first correlation for smooth-plate fin and tube coils. He considered the
effects of rows, fin pitch, and other geometrical parameters and generalized a heat
transfer correlation useful for dry coils. The heat transfer correlation was developed
in two steps. The first step developed a correlation for finned-tube geometries having

four tube rows

éﬁ) o1 (1.6)

e = 0.0014 + 0.2618123;0.4(A
0

Then a multiplier was considered to account for the effect of the number of rows

7C,N1 _ 1- 1280N1 Ree—l'2 (lf/do)—l'2
Jea  1—5120Re.™"2 (I;/d,)~12

(1.7)

where 500 < Re.(l;/d,) < 24700. Here j, is the average Colburn j-factor for
external heat transfer, A, is the external surface area, A, is the tube outer surface
area, d, is the tube outer diameter, [; is the fin length in the flow direction, NV, is the
number of tube rows, and Re, is the Reynolds number based in the air-side velocity
and outer tube diameter. The range of validity of the geometrical parameters is not
specified, but being both based on the same experimental information, it is logical
to think that it is similar to that of Webb (1986) below.

Gray and Webb (1986) complemented the data used by McQuiston (1981) with
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data for bundles of finned tubes. They developed their own regression technique
to obtain another correlation for plate finned-tube heat exchangers with plain fins.

This new correlation predicts the four row j-factor

_ _0.328 /Pt —0-502 / S 00312
7.4 =0.14Re; (7) (Z) (1.8)
and then corrects it for the effect of different number of rows
= N « —0.031 0-0607(4—N1)
ety _ 0.991(2.24Re;2%2( 1) ™) (1.9)

J e 4 4

where 2400 < Re. < 24700. Here p, is the tube spacing normal to the external flow
direction, s is the spacing between adjacent fins and ¢ is the tube spacing in the
external flow direction. The range of dimensionless variables for equations (1.7) and
(1.9) are 1.97 < p,/d, < 2.53; 1.70 < t/d, < 2.58; 0.08 < 5/d, < 0.64; 1 < N, < 8

or more.
1.4.2 Local heat transfer coefficients
Hydrodynamics

Since the heat transfer in plate-fin heat exchangers cannot be understood without
being exposed to the nature of the hydrodynamics, the information regarding the
hydrodynamics is considered first.

Some of the features present in the external hydrodynamics of plate-fin and tube
geometries are: boundary layers developing both from the leading edge of the fins
and over the cylinders, plate boundary layer separation with the subsequent creation
of horseshoe vortices, separated boundary layer on the cylinder and recirculation

bubbles or vortex shedding in the wake. These different phenomena may be present
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over some ranges of operation of plate-fin and tube heat exchangers although the
ranges in which they occur are not well known.

The simplest flow situation for this class of heat exchangers is the creeping
motion of fluid between the plates and around cylinders, i.e. Hele-Shaw flow (Hele-
Shaw, 1899). This occurs for very small flow velocities or very small fin separations.
According to the Hele-Shaw solution, the flow has the same streamlines as the
potential flow solution of flow across a cylinder, and the magnitude of the velocity
at a given plane parallel to the plates is proportional to the rectangular channel
parabolic profile velocity corresponding to that location. The Hele-Shaw solution is
limited to small reduced Reynolds numbers, Re* = % (%)2 << 1 where V, is the
far field average flow velocity and v, is the kinematic viscosity of the fluid. Typical
values of Re* for plate-fin heat exchangers are in the order of 10 to 400. In principle
it is feasible to extend the application of the solution to larger Reynolds numbers
using perturbation solutions, but in practice it becomes extremely difficult because
of the complicated equations that arise.

Another possible flow situation occurs when the fin separation and the flow ve-
locity are sufficiently large. For that case, the flow over most of the cylinder length
resembles that of cylinders in cross flow. Although boundary layers are developing
near the plates and the flow is three-dimensional, away from them the flow is two
dimensional. The flow around a circular cylinder in cross flow is the simplest ex-
ample of flow over obstacles. Coutanceau and DeFaye (1991) reviewed the subject
thoroughly and defined the regimes of the flow that have been observed in many

investigations. When the diameter-based Reynolds number is very small, we have
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Stokes flow around a cylinder. As the Reynolds number is increased, the following
flow regimes are observed in this order: asymmetry in the direction of the flow but
no separation, separated boundary layer with steady recirculation bubble, asym-
metries transverse to the flow and recirculation bubble undulations, shedding of
alternate vortices with gradual disappearance of the recirculation bubble, turbulent
Karman vortex street characterized by an almost constant Strouhal frequency.

For intermediate values of fin spacing the flow is more complicated and is essen-
tially three-dimensional over the entire fin spacing. The walls seem to stabilize the
wake but the different regimes of wake flow that are occurring are not well known.
On the other hand, near the walls and upstream of the cylinders another interest-
ing phenomenon occurs. Because of the deceleration of the flow upstream of the
cylinder, the boundary layer over the plate separates and rolls up in front of the
cylinder, wraps around it and trails off behind creating a horseshoe shaped vortex
(Baker, 1979). This horseshoe vortex system, as the one shown in Figure 1.2, is a
very important feature of the flow and plays a determinant role in increasing the
heat transfer coefficient in its neighborhood. Figures 1.3(a) and 1.3(b) explain the
formation of the horseshoe vortex for both flow around wall mounted obstacles with
a potential core and flow around wall mounted obstacles in fully viscous channels.
In both cases, as the fluid approaches the obstacle, the flow tends to decelerate
resulting in a pressure field that forces the fluid to move toward the plate, move up-
stream in the recirculation zone and roll up to produce a vortex that wraps around
the cylinder and downstream it creates a pair of longitudinal vortices that follow

the flow direction. An interesting feature of horseshoe vortex flows is that as the
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Reynolds number changes, the flow patterns take on different and unusual forms.
The nature of horseshoe vortex systems has been studied to some extent. Schwind
(1962) performed experiments upstream of a wedge mounted over a flat plate and
found the presence of horseshoe vortices for these flow conditions. He observed
different flow regimes depending on the flow velocities. These regimes started from
steady boundary layer separation with no vortices visible for the lowest speeds; as
the velocity was increased, a single clockwise rotating vortex with a small counter-
rotating vortex appeared; for further increases in velocity the number of vortices
was increased and vortex oscillations were seen to start until they were regularly
established, and merging of vortices was seen. A more extensive investigation was
carried out by Norman (1971). He studied the flow around cylinders and rectangular
boundary layer trips using smoke flow visualization. He examined the configuration
of the vortices upstream of the obstacle and proposed models for the steady flow
patterns. He also saw the flow around the sides of the obstacle. The horseshoe vor-
tex core was seen to be further away from the wall than on the plane of symmetry
and almost stagnant. He also observed oscillatory behavior within the horseshoe
vortex system and observed that the vortex oscillations begin at an almost constant
Reynolds number based on obstacle size. Baker (1979) studied experimentally the
horseshoe vortex that is formed around the base of a cylinder by a laminar boundary
layer that has separated. He used a wind tunnel and smoke visualization, observed
vortex oscillations and took velocity measurements. He encountered different flow
patterns depending upon the flow speed and cylinder size with more vortices appear-

ing as the flow speed was increased. Above a certain velocity the entire horseshoe
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-———— Wake region
Flow direction
—— Horseshoe vortex

-——— Separation line

Figure 1.2: Horseshoe vortex structure for plate-fin and tube heat exchanger con-
figurations (from Ireland and Jones, 1986).
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vortex system became oscillatory in a regular manner. At still higher velocities the
flow became very unsteady and turbulent. In a more recent paper, Baker (1991)
studied the oscillation of laminar horseshoe vortex systems classifying them into
two types: (a) oscillations due to an oscillation of the entire separated flow system
upstream of the cylinder and (b) horseshoe vortex oscillations due to an oscillation
of the vortex core of the primary vortex. These hypotheses were used to identify
how the frequency of oscillation varied and to what parameters this frequency was
sensitive. The author found that oscillations of type (b) were first observed and
these oscillations triggered the stronger oscillations of the type (a). The author also
used these observations to speculate on the dependence of the number of vortices
on Reynolds number for steady laminar horseshoe vortex systems.

Briley and McDonald (1981) obtained a numerical solution of the compress-
ible Navier-Stokes equations for a laminar horseshoe vortex created by the inter-
action of a boundary layer on a flat surface and an elliptical strut leading edge
mounted normal to a flat surface. Tan (1988) simulated numerically the laminar
horseshoe vortex at a strut wall intersection using a direct solver for the simula-
tion of the 3-dimensional, incompressible, time-dependent Navier-Stokes equations.
Flow dependence was represented by direct expansion in Chebyshev polynomials
and the spectral element method was used. Menna and Pierce (1988) analyzed
the mean flow structure upstream, around and in a turbulent horseshoe vortex for
an incompressible subsonic flow. Chen and Hung (1992) solved laminar/turbulent
and subsonic/supersonic horseshoe systems generated by a cylindrical protuberance

mounted on a flat plate. They used an unsteady, three-dimensional, Reynolds-
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averaged, Navier-Stokes equations solver. A qualitative comparison with available
experimental data was made, and the results were very good.

The hydrodynamics of external flow over single-row plate-fin and tube heat ex-
changers has also been studied. The flow and heat transfer in a channel with a
cylinder mounted normal to the flow and parallel to the walls was studied nu-
merically in a paper by Mitra et al. (1986), The flow under these conditions was
two-dimensional and, to also analyze the three-dimensional problem, additional top
and bottom plates were added. Computational results were obtained for different
blockage ratios and Reynolds numbers, Re. = V.d,/v., for both 2-D and 3-D cases.
The results for the two-dimensional case evidenced the damping effect of sidewalls,
especially for large blockage ratios.

The experimental study of the hydrodynamics of finned-tube heat exchangers
has been carried out by some authors, Bossel and Honnold (1976) studied the flow
ahead of a plate-fin heat exchanger using dye visualization in a low speed water
tunnel. Multiple horseshoe vortices were observed for the experiments at the higher
Re.. However the authors ignored other phenomena, e.g. wake flow, that also occur
in the flow. The parametric study of the flow, with determination of the different

regimes of the flow was left incomplete.
Heat transfer

Several researchers have studied the local variation of the heat transfer coefficients
for the external side of plate-fin and tube heat exchangers. What they have found
is a very close relation between the hydrodynamics and the local variations of heat

transfer coefficient. The two approaches that have been used are experimental and
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numerical. An experimental approach for the calculation of the heat transfer coef-
ficient was used by Saboya and Sparrow (1974). In their work the analogy between
heat and mass transfer was used to obtain local and average transfer coefficients.
The mass transfer measurements were performed using the naphthalene sublimation
technique. These experiments thus correspond to heat transfer from isothermal fins,
that is heat exchanger surface with efficiency 7. = 1. They showed that the heat
transfer coefficients present abrupt variations from point to point due to the presence
of vortex systems induced by the tube. Ireland and Jones (1986) performed local
measurements of heat transfer on and around cylinders between plates of a channel
with fully developed flow. The results showed heat transfer coefficients for both
the passage wall adjacent to the cylinder and the cylinder itself. The experimental
technique that they used is a transient method which makes use of thermochromic
liquid crystals to give a complete map of the heat transfer coefficient. From the
determination of the Nusselt number on the sidewall near the cylinder it was found
that the values are highest in a circumferential strip upstream of the cylinder. Sur-
face flow visualization using titanium dioxide revealed a single major vortex which
follows closely the region of maximum heat transfer. In fact, the peak heat transfer
close to the front of the cylinder was found to correspond to a point where the
horseshoe vortex stagnates on the side wall. As for the distribution of the Nus-
selt number around the cylinder surface, the heat transfer is reduced at positions
nearer to the wall. Fisher and Eibeck (1990) determined experimentally the extent
to which horseshoe vortices modify turbulent convective local heat transfer along a

flat plate. To do so they used cylindrical and tapered bars as obstacles.
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Since the hydrodynamics of the flow is so important for heat transfer, any nu-
merical study that intends to solve for the temperature field first needs to solve the
hydrodynamic problem of obtaining the velocity field. The hydrodynamic problem
being nonlinear is far more complicated than the thermal problem. Early attempts
to solve the temperature field tried to avoid the complications of the geometry. Bott
(1959), presented a theoretical study which neglects the effect of the tube in the
hydrodynamics, and justified their assumptions by observations in a smoke tunnel.
Mandel et al. (1979), used a finite-difference marching procedure for the analysis
of rippled fin-tube heat exchangers, but also neglected the effect of the tubes.

The availability of computers and the development of numerical methods for the
solution of viscous flow problems has made it possible to obtain numerical solutions
to the external hydrodynamics of plate-fin and tube heat exchangers. Once the
hydrodynamic problem is solved the extension to the solution of the thermal problem
is natural. The previously mentioned work of Mitra et al. (1986) also included heat
transfer for 2-D and 3-D channels with mounted cylinders. Comparison of the heat
transfer results to those of a cylinder in an unbounded medium revealed that the
Nusselt number was higher than that of the unbounded flow for the front of the
cylinder and lower in the wake of the cylinder as a consequence of the damping
of the wake. For three-dimensional flows in the channel, the flow showed a helical
structure. The fluid from the upstream stagnation area moved downward from the
plane of symmetry and towards the plate, and in the wake it moved away from the
plate. The heat transfer results for this problem showed a large Nusselt number in

the region of plateward motion of fluid and a small Nusselt number in the region of
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motion away from the plate. As for the heat transfer from the cylinders the smaller
Nusselt numbers occurred in the wake as a consequence of damping of the wake.
Haught and Engelmann (1988) solved for the airflow and heating in a tube fin heat
exchanger by means of a numerical method based in the finite element method.
Bastani et al. (1991) determined the flow field and heat transfer characteristics
of fin-tube heat exchangers. Two basic problems were considered: a two-row in-
line heat exchanger with uniform velocity and temperature at the entrance, and a
one-row heat exchanger with periodically fully developed velocity and temperature.
The results showed the existence of a recirculation bubble in the lee of the tubes.
The stagnation areas before the second tube in the two-row configuration and in
front of the single tube with periodic boundary conditions had some structural
similarity. The Nusselt number in the case of a single tube with periodic boundary
conditions was smaller than in the two-row configuration. For Re. = 400 the heat
transfer in an in-line arrangement of a fin-tube heat exchanger deviated 9% from
the corresponding values for periodically fully developed flow. At Re, = 1200, the
deviation in heat transfer became 20%.

Torikoshi et al. (1994) modeled the plate-fin and tube heat exchanger located in
a uniform field using a three-dimensional unsteady numerical computation. They
reported very good agreement with experimental data.

Fiebig et al. (1995a) calculated numerically the hydrodynamics and conju-
gate heat transfer in a finned-tube element. In that investigation the influence
of Reynolds number and a fin efficiency parameter were studied. In determining

the hydrodynamics of the flow the time dependent, incompressible Navier-Stokes
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equations were solved with steady-state boundary conditions. This assumption
of boundary conditions affected the class of soluticns that can be obtained, i. e.
steady-state solutions. The energy equation for the flow and fins were solved in a
conjugate manner. The Nusselt number upstream of the cylinder was large com-
pared to that downstream of the cylinder. The two regions of large Nusselt number
were the leading edge of the plates and the region of the horseshoe vortex. The heat
transfer from the leading edge was small because the fin temperature there was not
very different to that of the fluid, so the most important region for heat transfer lay
in the region of the horseshoe vortex. The wake region was characterized by low
heat transfer and even a heat transfer reversal region. Jang and Wu (1996) con-
ducted a numerical and experimental study of three-dimensional plate-fin and tube
heat exchangers. For the numerical study the steady state, three-dimensional, in-
compressible Navier-Stokes equations and steady state energy equation were solved
using a control volume technique for boundary fitted coordinates. In the experimen-
tal part, the overall Nusselt number and friction factors were obtained by energy
balance and pressure measurements. The results were obtained for in-line and stag-
gered tube configurations. The numerical results showed that the recirculation zone
was smaller in the case of the staggered arrangement while for in-line arrangement
the flow separated only to reattach at the front of the next tube resulting in a dead
zone. As expected, in-line tube arrangements had smaller Nusselt numbers than
the staggered tube array. For both cases the Nusselt number was small at the rear
of the tube and large in the front. In the in-line arrangement there were two lo-

cations of maximum Nu. for rows two and more due to reattachment of separated
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flow. The experimental results showed that the average Nusselt number was nearly

independent of the number of tube rows for the row numbers greater than four.
1.5 Heat transfer enhancement in heat exchangers

In forced convection heat transfer between a liquid and a gas, the heat transfer
coefficient of the gas is typically 5 — 20% that of the liquid. Even with the extended
surface attached to the outer side of plate-fin and tube heat exchangers, the external
resistance is the dominant limitation for heat transfer through the heat exchanger.
Rusell et al. (1982) stated that increasing the density of fins is not a feasible solution
because of manufacturing limitations or the necessity for cleaning the fin matrix.
For that reason many researchers have suggested the use of techniques for heat
transfer enhancement. The use of intrusive techniques, as the use of turbulators in
the flow passage in order to alter the flow, has also been suggested repeatedly in the
last decade. This method is technically possible and not very expensive. Some of
the different devices that have been suggested as turbulators or vortex generators
are shown in Figure 1.4.

The first researchers to suggest the use of these devices for heat transfer en-
hancement were Rusell et al. (1982) who conducted experiments to determine the
effect of vortex generators on heat transfer on channel flows. From the experiments
they conducted it was apparent that discrete vortex generators, which produce a set
of counter-rotating vortices in the passage between fins, offer a powerful type of heat
transfer enhancement, giving some 50% increase of the heat transfer coefficient with

a penalty of pressure drop of the same order. Through the last decade many other
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authors have made studies of the influence of vortex generators in a wide variety of
geometric and flow situations: Turk and Junkhan (1986) took measurements of the
enhancement of convection coefficients on the surface of a flat plate by use of vortex
generator pairs. The authors found that, for the spanwise-averaged heat transfer
coefficient, the amount of enhancement decreased just downstream of the blades
and then increased further downstream. This suggested that the blade pairs have
a region of poor mixing a short distance downstream of the blades, but then the
enhancement grew to reach its maximum value at the end of the plate. Fiebig et al.
(1986) presented a qualitative discussion and experimental quantitative comparison
of the effects of wing form and angle of attack for rectangular wings, delta wings
and winglet pairs as a function of angle of attack and Reynolds number. The delta
wing gave the highest local heat transfer enhancement. On a fin-plate area 60 times
that of the delta wing the average heat transfer coefficient increased by 20 to 60%
respectively for angle of attack of 10° to 60°. Their heat transfer measurements
were obtained using unsteady liquid thermography.

Eibeck and Eaton (1987) presented an experimental study of the heat transfer
due to an isolated longitudinal vortex embedded in a turbulent boundary layer.
The heat transfer coefficient was determined by measuring the difference between
surface and free stream velocities and knowing the constant heat flux on the sur-
face. The surface temperature was measured with spot-welded thermocouples. The
longitudinal vortex was generated using a delta winglet placed normally to the test
wall and downstream of the boundary layer edge. Detailed velocity measurements

were taken using a four-hole pressure probe. The velocity measurements were taken
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Flow direction

Figure 1.4: Different classes of turbulators: (a) delta wing, (b) rectangular wing,
(c) delta winglet, (d) rectangular winglet and (e) perforated rib.
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at four axial locations. Measurements at one station were enough to define the
vortex properties. The vortex had very high crossflow velocities near the wall. The
circulation of the vortex decayed very slowly. Heat transfer data made clear that
the vortex caused a peak augmentation of local heat transfer in the downwash re-
gion and a local maximum decrease of heat transfer in the upwash region. It was
clear that the magnitude of the peak in the downwash side was larger than the
magnitude of the maximum decrease on the upwash side. It was the influence of
the vortex on the flow through thinning and thickening of the boundary layer that
resulted in these variations in heat transfer. Since the heat transfer enhancement
in the downwash side was larger than the heat transfer decrease in the upwash the
resulting overall heat transfer was improved by the presence of the vortex.

The hydrodynamics of the laminar flow in a rectangular channel with a built-
in cylinder and a pair of winglet type vortex generators mounted in the bottom
plate was studied by a finite difference numerical technique in a paper by Sanchez
et al. (1990). The authors found that the introduction of vortex generators lo-
cated downstream of the usual separation region of the cylinders affected the flow
considerably. The obstruction of the winglets created a high pressure region that
pushed the boundary layer against the cylinder and moved the separation point fur-
ther downstream of the cylinder. As a consequence the recirculation region became
smaller but also the oscillation of the wake was completely damped. The winglets
also created a pair of longitudinal vortices that added to the horseshoe vortex tail
longitudinal vortices.

Maughan and Incropera (1991) suggested the use of vortex generators or perfo-
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rated ribs for the purpose of enhancing convection heat transfer at the top surface of
a uniformly heated channel, an arrangement that is useful in the cooling of electronic
devices. The top surface had lower heat transfer coefficients since natural convec-
tion did not produce much flow circulation there. Experiments were performed that
revealed that at low Rayleigh numbers the effect of the vortex generators was to
augment heat transfer at the top surface and reduce it at the bottom by inducing
vortices that covered the whole channel height. The situation is analogous to the
smooth channel at high Rayleigh numbers, where buoyancy induces vortices at the
bottom surface. At higher Rayleigh numbers, the vortex generators lost their ef-
fectiveness because the flow structure they created would exist even without the
attachments, and the enhancement ratio dropped to unity. The use of perforated
ribs had a different mechanism for heat transfer enhancement that effectively mixed
flow at the top surface throughout the entire range of Rayleigh numbers.
Tiggelbeck et al. (1993) presented an experimental study of heat transfer and
drag in a channel with pairs of winglet-type longitudinal vortex generators. Flow
visualization using light sheets, crystal thermography and force balances were used
for these purposes. The experiments were performed in the flow transition region,
and the authors observed that the flow structure at the wake of the vortex generators
was strongly dependent on the angle of attack and Reynolds number. It was shown
that for high angles of attack there was no longitudinal vortex downstream of the
winglets, the separating flow formed a recirculating zone and a critical angle of
attack existed. Highest heat transfer was achieved for angles of attack near critical

values. Aligned delta winglet double rows showed higher heat transfer enhancement
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than staggered. Heat transfer enhancement of 80% and drag increases of 160% have
been found on wall areas 40 times the winglet area.

Fiebig et al. (1995b) numerically investigated the performance of a plate heat
exchanger with rows of rectangular winglets as fins. The authors found that the
turning direction of the vortices always stayed the same for symmetric winglet at-
tached to one side but alternated in direction in the staggered winglet configuration.
The crossflow was considerably weaker in the arrangement with attachment alter-
nating between both plates than in attachment to just one plate. In all cases, the
ratio of heat transfer with vortex generators to that of a fully developed value for
the plane channel was between 2.8 and 4.2. The ratio of pressure drop with vortex
generators to that without them was between 10 and 30. The main heat transfer
augmentation stemmed from the turning of the cross flow, which exchanged fluid
near the plates with fluid from the core region. Fiebig et al. (1995c) made a numer-
ical evaluation of vortex generators of the delta-winglet type in order to enhance the
heat transfer performance of single row plate-fin and tube heat exchangers. They
discovered that by punching the winglets immediately behind the tube the flow sep-
aration was shifted further downstream, the dead water zone was reduced and the
exchange of fluid between the dead water zone and the main flow was intensified.
With the introduction of a winglet pair of vortex generators with an area 1.8% of
the fin area, a global heat transfer augmentation of 31% occurs. In this study no
mention was made about the pressure loss penalty.

Biswas et al. (1996) aimed at a numerical investigation of flow structure and

heat transfer in a channel with a built-in winglet type vortex generator placed in a
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Side vortex

Main vortex

Figure 1.5: Type of longitudinal vortices formed after a winglet vortex generator.
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fully developed laminar flow. The flow obtained numerically was compared with the
experimentally obtained flow structure measured by a hot-wire anemometer. The
winglet generated a main vortex, some induced vortices and a corner vortex to the
side of the winglet as is shown in Figure 1.5. The corner vortices were actually half
horseshoe vortices created at the junction of the winglet with the plate. Winglets
with higher angles of attack produced stronger vortices, which resulted in a better
heat transfer. Higher heat transfer is usually accompanied by higher skin-friction
coefficient.

Gentry and Jacobi (1997) focused their investigation on the species and heat
transfer enhancements due to delta-wing vortex generators located at the leading
edge of a flat plate. New data were presented from naphtalene sublimation experi-
ments with the introduction of these vortex generators. Flow visualization experi-
ments were conducted to provide quantitative data on vortex location and strength.
Heat transfer results indicated that the average heat and mass transfer can be en-
hanced 50 — 60% over the unenhanced vortexless flat plate. A framework for the
systematic study and optimization of vortex generators was established through this
research. Optimized delta wing were obtained in terms of the geometric parame-
ters for some given Reynolds numbers. A general guideline for optimum design is
that streamwise vortices should be strong and near the edge of the boundary layer,

although it is known that vortices close to the wall tend to be weak.
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CHAPTER 2

DEFINITION OF THE PROBLEM

In the previous chapter we detailed the different investigations that have contributed
to the understanding of the performance of plate-fin and tube heat exchangers. We
divided the heat exchanger study according to the different thermal resistances that
contribute to the overall thermal resistance of the heat exchanger, and we mentioned
the most recent advances for the enhancement of the performance of these devices.
The Hydronics group of the University of Notre Dame has as a current goal the
study of heating coils, determining correlations to predict their behavior as well
as studying means of improving their behavior. One of the first heat exchangers
studied by this group was the single-row, type T coil studied by Zhao (1991). This
heat exchanger is shown schematically in Figure 2.1. As shown, it is formed by a coil
that connects between straight sections of the tube through 180° tube bends. This
same heat exchanger has been used by Shih (1997) as a model for the numerical
study of the flow and heat transfer through the heat exchanger coil. The study
by Shih (1997) is related to this dissertation through the fact that it analyzed a
different part of the same heat exchanger. The aim of the Hydronics group is to

study the different aspects of the heat exchanger using different techniques. The
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study of the external side of the single-row plate fin and tube heat exchanger is the
subject of the present dissertation.

In the study of the external side of the heat exchanger we will consider both
conduction and convection heat transfer: conduction of heat through the fins and
convection of heat from the fins and tubes to the flow. We will identify several
problems that relate to the subject and which, as a whole, contribute to a better
understanding of the physical phenomena occurring in the heat exchanger. For
the study of the hydrodynamics and heat transfer phenomena we will make use
of different analytic, experimental and numerical tools. The study of the subject
with those approaches represent a contribution to the subject of heat transfer from
plate-fin and tube heat exchangers and can be used to improve the design of these
devices.

In the present chapter we will briefly discuss the type of problems considered in

the rest of this dissertation.

2.1 Effect of tube-to-tube conduction on the heat exchanger
performance

In the previous chapter we discussed the conduction through fins of plate-fin and
tube heat exchangers. We observed that most research has assumed that no heat
is transferred between tubes through conduction. That approach is valid when the
temperature difference between tubes is small. This conduction problem has been
taken up here since it is not evident under what design and operation conditions
that simplification is valid. As it was described in the previous chapter, several

other authors have considered the possibility of net heat transfer between exchange
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surfaces through conduction along the fins, but the approach used was different,
and the type of heat exchangers for which those studies apply were also different.
As far as we know no study of tube-to-tube conduction along fins of single-row plate
fin and tube heat exchangers has been reported in the technical literature.

An analytic study of tube-to-tube conduction is proposed. For the study of tube-
to-tube conduction through the fins a class of heat exchanger like the one represented
in Figure 2.1 is considered. A hot liquid is being forced to flow through the coils
while a gas at lower temperature crosses the external passage created by the fins and
tubes. As a consequence of the temperature difference between both fluids, the fluid
inside the tubes experiences a gradient of temperature in the flow direction. The
in-tube thermal resistance being small, the inner tube surface has a temperature
close to that of the fluid. Also the conductivity of the metallic material of the tube
is high and the tube has a uniform radial temperature, but since the thickness of
the tube is small an axial temperature gradient along the tubes is possible. This
creates a temperature difference between adjacent tubes for the same axial position.
The objective of the analysis is to determine the amount of tube-to-tube conduction
for this class of heat exchangers and the set of parameters that are important for
the problem. The solution of this problem will have application in the design of
plate-fin and tube heat exchangers, and can be extended for application to other

cases of longitudinal conduction along fins.
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2.2 Vortex influence on heat transfer over a flat plate

In Chapter 1 the different techniques that have been used for the enhancement of
heat transfer in heat exchangers were described. One of the most frequently applied
methods is the introduction of vortex generators which alter the flow creating vorti-
cal structures that help to improve the heat transfer in heat exchangers even though
heat transfer enhancements are always accompanied by an increased pressure drop
across the heat exchanger. Because of the partial success obtained with this tech-
nique it is important to obtain a clear understanding of the mechanism by which
the heat transfer is increased; in that way the positive effects of the vortex can be
maximized, while the negative effects avoided. The study of different orientations
for the vortex will also be studied since the disposition of the secondary flow created
by the vortex alter the heat transfer in different ways if the vortex orientation is
changed.

As it was mentioned in the first chapter, many numerical and experimental
studies have been made to solve this problem, but no analytic solution to the prob-
lem can be found in the literature. Since an analytic solution of the problem may
provide an understanding that is hard to obtain from experiments and numerical
studies, the use of analysis for the determination of the heat transfer enhancement
produced by a vortex located near a thermal boundary layer is proposed. The main
problem in solving analytically for the influence of the vortex on heat transfer over
a thermal boundary layer is the complexity of the flow, which in this case is just an
intermediate step in the final result that is expected. The use of a simplified flow is

suggested. We do not solve for the flow but use a given flow field represented as a
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summation of the main flow and the secondary vortex flow to solve for the influence
of the flow field over the heat transfer. The solution to this thermal problem is
possible by assuming a vortex of small strength and solving the energy equation

accordingly by means of a perturbation technique.

2.3 External hydrodynamics of single-row plate fin and tube
heat exchangers

As was mentioned in the literature review of the previous chapter, some authors
recommended the use of vortex generators as the most convenient heat transfer
enhancement mechanism. However, the use of these devices as heat exchange en-
hancers is always accompanied by an increase of the pressure drop across the heat
exchanger external surfaces, and sometimes the benefits produced by the vortex
presence are overshadowed by the pressure drop that the vortex produces.

Heat exchange from these devices can be improved by variation of the design
parameters, studies of which have not been found in the open literature. An ap-
propriate selection of the geometric parameters of the heat exchanger can provide
improvements in its heat transfer performance without incurring a very serious pres-
sure drop. One example of those parameters is the spacing between adjacent fins,
which if reduced results in a larger number of fins and an increased heat transfer
area, but as a consequence of the stabilization of the flow the heat transfer coeffi-
cient is reduced and the pressure drop increased. At the other extreme, if the fin
spacing is increased the heat transfer area is reduced and that results in a reduction
of the total heat transfer from the device.

In order to understand the actual heat transfer phenomena occurring in the
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heat exchanger we propose to study the hydrodynamics. The first step will be to
obtain a numerical solution of the flow field. To do so, the commercial code called
FIDAP will be used. This numerical code is based on the finite element method and
is specifically designed to solve fluid mechanics and convective thermal problems.
The type of boundary conditions and formulation used in the solution of the problem
will be similar to those used in other numerical solutions reported in the literature.
After the numerical results are obtained, an experiment will be performed to
observe the flow in the external side of the plate-fin heat exchanger. For that
purpose, a model that reproduces the flow situation in the heat exchanger will be
built, and the characteristics of the flow will be observed. That experimental model
will have the possibility of varying some of the geometric and operation parameters
that are important for the heat transfer performance of the heat exchangers. In this
case we will have the possibility of varying the fin spacing, as well as the Reynolds
number. The observations at different conditions will be presented. This results
should validate our argument regarding the importance of an adequate selection of
the design and operation conditions for the optimal operation of these devices.
The presentation of experimental results of the characteristics of the flow is im-
portant also for validation of the numerical solution of the governing equations.
Although many numerical solutions to the flow over the air-side of the heat ex-
changer have been reported in the literature, the lack of experimental evidence to
validate the numerical results is surprising. Filling that void of information is an-
other reason for these experiments. The experiments will be used to get information

similar to the one obtained from the numerical solution, and the results obtained
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from both methods will be compared.
2.4 External convective heat transfer

The numerical code used to get the low field can be used to get the temperature field
and quantities of practical use like the Nusselt number. To solve for the temperature
field the velocity field obtained from the numerical solution will be required. The
velocity information is given as input to the numerical solver of the energy equation.

It is important to relate the results obtained for the Nusselt number to the
flow field. In this way the relation between the flow field and local heat transfer
coefficients will be clear. The study of the effect of the same geometric and operation
parameters that were varied in the experiment will be performed for the heat transfer
from the heat exchanger. That will contribute to the understanding of the close
relation between the influence of the parameters in the flow field and their influence
over heat transfer.

The overall Nusselt number will be calculated and its dependence on the fin
spacing will be analyzed. The mean pressure drop accross the heat exchanger will
be computed too. Based on this information a determination of the overall heat
transfer per unit length of the tube per unit pressure drop accross the heat exchanger

and its dependence on fin spacing will be sought.
2.5 Importance of the expected results

The results from the present project are expected to extend the understanding of
the mechanisms that affect heat transfer in plate-fin and tube heat exchangers, and

to give guidelines for an optimized design of heat exchangers based on geometric
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parameters. The computational solution of the problem and the experimental ap-
proach are important parts of the project, but the main goal is to learn how to
take advantage of the features of the external flow to improve the heat transfer
performance of the heat exchanger.

This research is part of a team project which globally covers plate-fin and tube
heat exchangers. In parallel with the present study, the internal hydrodynamics and
heat transfer was being investigated by Shih (1997). After completion of these two
aspects, other investigators will focus on the overall analysis and optimization of
this type of heat exchangers. In addition, other effects that have not been addressed
in the present project, such as multiple rows and wavy fins, have been studied by

others (Sawyers (1997) and Sawyers et al., 1998).
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CHAPTER 3

TUBE-TO-TUBE HEAT CONDUCTION
ALONG FINS

In heat exchanger analysis it is usual to include the fins when calculating heat
transfer enhancement to the over-tube fluid, but to neglect the tube-to-tube heat
conduction that also exists. With this simplification the heat conduction problem
is reduced to one in a fin with adiabatic conditions at the tip; this can be easily
solved. The assumption is ciearly justified for small temperature differences between
adjacent tubes. However, in some arrangements, the more efficient a heat exchanger
the greater is this difference in temperature. The performance of a single-circuit high
heat rate compact heat exchanger, for example, will be lower than that expected if
the design calculations neglect tube-to-tube heat conduction. At present it is not
known just how much error is incurred by this approximation.

In this chapter we consider the problem of tube-to-tube heat transfer through
the fins. We develop a mathematical model to quantify the effect of heat conduction
between adjacent tubes so as to determine conditions under which it may or may
not be neglected. The material presented in this chapter of the dissertation was

published in Romero-Méndez et al. (1996) and Romero-Méndez et al. (1997).
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3.1 Governing equations

We consider the specific geometry of a single-row heat exchanger, shown in Figure
3.1, formed by a number (six, in the figure) of straight sections and corresponding U-
shaped return tubes that are insulated. If the fin density is high enough we can take
the effect of the fins to be continuously and uniformly distributed along the length
of each tube. With this continuum approach we will develop a system of ordinary
differential equations for the steady-state in-tube fluid and tube-wall temperatures.
For more details about the analysis that is developed next the reader is directed to
Appendix A.

Let there be N, sections of straight tube in the heat exchanger, each of length [,.
The tubes are numbered from top to bottom, starting from the top tube connected
to the inlet and ending with the bottom tube leading to the outlet. The spatial
coordinate in each tube is the distance z* measured from the inlet plane, as indicated
in Figure 3.1. The outlet and inlet will be on the same or opposite sides depending
on whether NV, is even or odd.

For tube 7, where 1 < j < N,, we consider the heat balance on an element of

length dz*. For heat transferred from a single-phase fluid to the tube wall, we have

(—l)jrh.,-C,- d]} = Wdiil.i(n - W) dz* (31)

J

where m; is the mass flow rate of the in-tube fluid, C; is the specific heat of that
fluid, Tj(z*) is its temperature, T;'(z*) is the tube-wall temperature, d; is the inner
diameter of the tube, and h; is the average inner heat transfer coefficient. The

coefficient (—1)7 takes into account the fact that the in-tube flow is in the positive
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Figure 3.1: Single-row, plate-fin and tube heat exchanger.
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